Introduction
Efficient airborne sound sources are important for applications in sound reproduction and active sound control. While specific design requirements may vary, such as the frequency spectrum of the transmitting voltage response, the need to produce sound levels efficiently is shared by all applications. A perfectly designed frequency spectrum is of little use if the sound pressure levels are too low. Passive diaphragms driven by electro-magnetic voice-coil technology has dominated airborne sound source applications ͓1,2͔, especially in the low frequency range. While this technology is capable of producing the sound level magnitudes desired ͑commonly above 100 dB͒, it has limitations. For applications where weight is an important constraint, such as active noise control in aircraft, lighter alternatives to the magnetic coil are desirable. In addition, because of the electrical connections at the wound core, these electromagnetic transducers can be degrade under harsh conditions and a more mechanically robust device would be useful in some applications, such as audible alarms on construction vehicles.
Active diaphragms formed from polymeric piezoelectric materials such as polyvinylidene fluoride ͑PVdF͒ provide an alternative to voice-coil technology. PVdF is a lightweight, inexpensive material that is easy to form into different shapes ͓3-6͔. Various researchers have found active diaphragms useful for radiating sound to actively control noise as well as generate desirable sound ͓4,6,7͔. Most of the research on active diaphragms to date has been conducted utilizing straight, semi-circular or fully cylindrical active diaphragms ͓6,8 -10͔. For example, Fuller et al. ͓4͔ emphasized the development of sound attenuation control using a foamPVdF smart skin with embedded semi-circular piezoelectric diaphragms. Liang and Rogers ͓6͔ performed a fully coupled acoustic analysis for a transducer configured from a PVdF infinite cylinder, investigating the feasibility of utilizing PVdF actuators for active sound control. Researchers have also used PVdF in various distributed and array architectures configured for sound cancellation seeking either to minimize the radiated sound power ͓11͔ or reduce the volume velocity produced by the vibrating surface ͓4,12͔. The use of curved PVdF as a sound source has been discussed in patents ͓13-18͔ and a technical note from MSI ͓19͔. However, only limited analytical and experimental descriptions of the acoustic behavior has been presented and only for the specific configurations mentioned.
This paper presents an investigation of the acoustic behavior for a constant curvature PVdF active diaphragm with varying geometric parameters ͑width, thickness, radius and subtended angle͒. For this study, models ranging from a simple two-dimensional analytical model to a more complex three-dimensional numerical model are developed and experimentally validated. These models form the basis for parametric sensitivity simulations that lead to important design insights into the governing mechanics of these diaphragms. These findings are confirmed through experimental studies using a variety of prototypes.
Curved Active Diaphragm Design
A schematic of the active diaphragm design investigated is depicted in Fig. 1 . The structure consists of a multi-layered PVdF piezoelectric curved beam, fixed at each end. The mechanism creating the sound generating motion is dependent on the material lay-up of the device and is in the form of either a piezoelectric induced internal extensional load and/or an internal moment. For the bending configuration, layers above the neutral axis strain in the opposite direction as those below it when a voltage is applied ͓Fig. 1͑a͔͒; whereas for the extensional configuration, all the layers of piezoelectric material strain in the same direction ͓Fig. 1͑b͔͒. With either configuration, when a voltage is applied, the piezoelectrically induced internal loads cause the transducer to vibrate and generate sound.
This sound pressure depends on the active diaphragm structural configuration that is defined by its subtended angle ( s ) width ͑b͒, thickness ͑t͒, and radius ͑R͒. For this study, both ends are rigidly fixed and the curved beam is assumed thin. The diaphragm thickness can be a single layer of polymeric piezoelectric material or made up of multiple layers of thin film to reduce the required voltage level needed to achieve a desired electric field. Figure 1 gives an example of a cross section for a multi-layer prototype with the thickness parameters t e , t p , and t b being associated with electrode thickness, piezoelectric thickness and bonding layer thickness, respectively. In this paper, active diaphragms with a constant curvature (ϭ1/R) and an arc length defined in terms of subtended angle (Lϭ2R s ) are studied. With this definition, if the subtended angle is 0°, then the transducer is a flat diaphragm; if the angle is 90 deg, it is a semi-circular or half cylinder ͓4,9,10͔; if the subtended angle is 180 deg, then the diaphragm is a full cylinder ͓6͔. In this paper, a broader range of configurations is considered in addition to these standard ones by varying the subtended angle ( s ) and radius ͑R͒.
Analytical and Numerical Methods
A two-dimensional analytic model and a three dimensional numerical model was used to perform acoustic computations. Dynamic structural models were derived to predict the structural response without fluid loading, an appropriate assumption for air loading. The structural models provided the necessary input to the acoustic boundary value problem that was solved for the sound pressure in the frequency domain.
Dynamic Analytical
Model. An analytical dynamic model defining the relationships between input voltage, frequency and output displacement amplitudes was derived using KirchhoffLove shell theory ͓9,20-21͔. For this model, planar motion was assumed, non-linear material effects ͑such as hysteresis͒ were omitted and large deflection behavior was ignored. The resulting equations of motion take the form ͓21͔
where
• Ȳ ϭY /(1Ϫ 2 ) in which Y is the effective Young's Modulus • is Poisson's ratio, • k r the radius of gyration where: k r 2 ϭh 2 /12, • b is the width of the layer and h is the thickness of the shell, Aϭbh the cross-sectional area,
• R is the radius (h/R is assumed small enough such that the neutral axis and centroid of the cross section can be considered coincident͒,
• is the material density, • is the circumferential angle (0ϽϽ2 s ), • and w are tangential and radial displacement, respectively, and
• F w ϭȲ Ad 31 E is the corresponding forcing function ͑due to the electric field in this application͒, E is the electric field and d 31 is the piezoelectric. There is no forcing in the u-equation because the electric field is assumed constant in the -coordinate.
Since the piezoelectric layers are thin and have uniform electroding, the electric potential was constant represented by E ϭV/t p . Therefore, the piezoelectric forcing term is also constant. Assuming a time harmonic solution and clamped boundary conditions, the resulting radial displacement can be written as
where the summed term is the homogeneous solution, k l are the wavenumbers satisfying the dispersion relation for Eq. ͑1͒, C l are the constants chosen such that the total solution satisfies the boundary conditions ͑on w and ͒, and w p is the particular solution given by 
As w p is spatially constant, it will act as a monopole acoustic source and therefore play an important role in the low frequency acoustic response. The ring resonance ͑an important frequency factor for the structural problem͒ for the shell is given by
For the composite layered shells, a simple laminate theory is used with the composite density and stiffness computed as
where z i are the distances from the neutral axis of the individual layers, h i are the layer thicknesses, and b is the width of each layer ͑constant through the thickness͒.
Acoustic Analytical Models. Two modeling idealizations were introduced to render the acoustic problem amenable to analytic solution. In the first idealization, the geometry of the problem is simplified by using a two-dimensional ͑2-D͒ geometric representation while in the second a simple source model was used to approximate the sound radiated from the surface. Neither of these approximations represents the true three-dimensional nature of the acoustic problem, however, the model predictions can be used to identify important trends in the experimental and numerical results thereby providing physical insight into the sound generation phenomenon and useful, explicit design formulas.
In the two-dimensional model, the PVdF cylinder is assumed infinite in the axial direction, thus collapsing the problem to 2-D by eliminating the width dependence. The acoustic domain is defined by the cylinder at rϭR and a bounding rigid baffle at ϭ0 and 2 s . The acoustic boundary conditions are given by 1 r ‫ץ‬p ‫ץ‬ ϭ0, at ϭ0 and 2 s ,
‫ץ‬p ‫ץ‬r
plus radiation conditions. The displacement boundary conditions (v and w͒ from the cylinder are computed from the dynamic analytical model, R is the radius of the cylinder, air is the density of air and is the operating frequency. The solution to Helmholtz on this wedge shaped domain is formally separable provided the subtended angle is a rational fraction of radians, and the radiated sound pressure takes the form ͓22͔
where k is the acoustic wavenumber, /c, c is the speed of sound in air, A n is the Fourier coefficient of the nth mode, H ␣ is a Hankel function of the first kind, order ␣, and ␤ n ϭn/2 s . The amplitude of the acoustic solution is found from matching the fluid and structure displacement in Eq. ͑8͒.
A much simpler approach is to model the device as a flat piston with a uniform velocity profile. The simple model uses the volume velocity of the PVdF shell as the input to compute the on-axis pressure ͓23͔. The shell is treated as a finite piston in an infinite baffle, thereby neglecting spatial variations in the velocity field and contributions to the velocity from the back face of the shell. While this model is not strictly valid for the physical situation under consideration, the resulting equation is quite simple. The on-axis pressure field ͑i.e., the pressure on the centerline of the device at ϭ s ) is approximated as
where W is the integral of the displacement over the surface of the shell.
Numerical Structural Dynamic Model. To acquire the velocity input data needed for COMET/Acoustics, a numerical steady-state dynamic model was generated for the active diaphragm using ABAQUS. The acoustic structure was modeled with 3D solid piezoelectric elements, TYPEϭC3D20E, by utilizing the preprocessor Hypermesh and analyzed using the steady state dynamic solution method in ABAQUS. A typical dynamic model mesh for a curved prototype is shown in Fig. 2͑a͒ . Only planar motion of the arch was admitted and the motion was constrained to be constant across the width ͑approximating a plane strain configuration͒. Through the thickness, the structure was modeled as a single element with composite properties. Element aspect ratios were kept near 1:1 in high stress regions that occur near the fixed end constraints. Away from these regions, larger aspect ratios of up to 50:1 were used. A convergence study verified that these aspect ratios did not degrade the solution. Structural damping was not included in the model.
Acoustic Numerical Model.
Predictive acoustic models were developed using COMET/Acoustics using the velocities predicted by ABAQUS as the input. Figure 2͑b͒ shows a typical acoustic skin mesh for a curved active diaphragm. The mesh consists of approximately 100 two-dimensional elements along the arc length and six through the width. The nodal normal velocities at each node of the skin mesh served as input into COMET/Acoustics dynamic mesh. The structural velocity was assumed to be constant across the width. However, acoustic boundary value problem resulting from this planar velocity profile is truly three-dimensional because of the finite width of the shell. Sound pressure levels and acoustic frequency responses at predefined data recovery points located, typically, in the far field were calculated by COMET. Results stemming from the combined finite element-boundary element simulations will be denoted as FEM/BEM simulations.
Experimental Validation
To confirm the models and assess their accuracy, experiments were conducted on a variety of PVdF active diaphragm prototypes. This section describes the general method used to fabricate the prototypes, the experimental protocol followed during testing and the results for both dynamic and acoustic experiments.
Prototype Fabrication. Several active diaphragm prototypes were fabricated with varying geometric characteristics: radii ranging from 25 mm to 32 mm and widths from 20 to 135 mm. Single and multi-layer composites were fabricated either from 28 or 52 micron polymeric PVdF film ͑Measurement Specialties, Fairfield, NJ͒ with 6.5 micron silver plated electrodes on each side of the film. The material properties are listed in Table 1 . Samples were cut to the proper dimension after using acetone to remove edge electrodes. For multi-layered prototypes, the film layers were arranged in alternating polarization directions so that similarly charged electrodes were bonded together. For proper operation, it is critical to maintain the proper film orientation with respect to polarity as this determines the bending or extension operation mechanism. To bond the layers together, epoxy ͑Insulcast 501/ Epon 828 resin and Insulcast 24 encapsulating compound from American Safety Technologies, Inc., Roseland, NJ͒ was applied using a precision spreading device to get an even layer thickness. Wrapping the assembled films around a dowel during the epoxy curing stage attained the constant curvature. After the epoxy had cured, the prototype was released from the dowel and electrical leads were connected using small screws to hold the wire tightly to the electrode surface. The constant curvature configuration was set when the device was placed in aluminum clamps, to rigidly fix each end. Figure 3 shows the finished prototypes ready for dynamic and acoustic experimental testing.
Experimental Procedure. A schematic of the experimental set-up is shown in Fig. 4͑a͒ . A HP 35670A dynamic signal analyzer generated an alternating 5 Volt sine function which was multiplied through a Piezosystems Model ESA-203 voltage amplifier to output signals ranging from 4 to 600 volts peak to peak. A Newport Series M462 fiber optic probe, connected to the signal analyzer for dynamic displacement data acquisition, was placed at various angles along the perimeter of the prototype. Figure 4͑b͒ shows a photograph of a near field acoustic test set-up. For acoustic measurements, a Realistic brand sound level meter ͑micro-phone͒ also connected to the signal analyzer, collected sound pressure data in both non-anechoic and anechoic sound environments. For far field measurements, the microphone was placed between 1.0 and 1.2 meters from the source; near field measurements were taken at 10 cm. The prototypes were tested at frequencies ranging up to 2000 Hz. Dynamic Experimental Results. Dynamic experimental and numerical results, representative of the many prototypes tested, are shown in Fig. 5 for a four-layer PVdF prototype with a radius of 25 mm, width of 20 mm and a subtended angle of 90 deg tested at 75 Volts. Dynamic displacements measured were on the order of 1 m to 5 m, away from resonance while peaks near the first structural resonance reached values as high as 30 m. Because damping was not included in the models, the resonant amplitude of the experimental results is lower than that predicted numerically. Displacement amplitudes near the structural resonance dropped off quickly as the number of the natural frequency increased, making it possible to experimentally identify only the first two to four natural frequencies accurately for most of the prototypes. Experimentally, the first three fundamental modes were determined to be 177 Hz, 403 Hz, and 771 Hz respectively. The corresponding values calculated by ABAQUS were 187 Hz, 408 Hz, and 767 Hz. The natural frequencies as predicted by the numerical model correlated well to those found in the analytic model. The calculated error between predicted and experimental natural frequency results was found to be less than 5%. Odd modes were identified using both the amplitude and phase angle experimental plots. These odd modes were not excited in the steady state numerical models because the model geometry and excitation function are both perfectly symmetrical. It is very difficult to fabricate a perfectly symmetric prototype, thus, due to imperfections in the prototype, the first and third modes were present in most of the experimental results with the magnitude of these modes dependent upon the quality of the prototype. Acoustic Experimental Results. Typical acoustic experimental and numerical results, for both anechoic and non-anechoic conditions, are shown in Fig. 6 for a four-layer prototype with a vibrating surface area of 68 mm wide by 96 mm long and a subtended angle of 25 deg tested at 100 Volts. Acoustic sound pressure variations between the model and the anechoic experimental results ranged from 1 to 7 dB with an average backbone variation of less than 3 dB in the frequency range above 500 Hz. It should be noted that many prototypes generated high acoustic output: 103 db at 1730 Hz for the shown prototype and as high as 113 dB at 1530 Hz for a prototype configured with 4 layers of 28 m PVdF, s ϭ25 deg, Lϭ96 mm, bϭ66 mm operated at 600 Volts. Outside the anechoic chamber, the acoustic signal was not measurable below 500 Hz due to equipment noise. Notice in Fig.  6 that the structural damping has the effect of reducing the amplitudes of the acoustic response near resonance. In addition to the effects of damping, the acoustical response of the structural resonances will depend critically on whether these modes are efficiently radiating. A structural resonance does not translate to a high acoustic field if that mode is not radiating.
During the initial experimental phase of this study, it was observed that a nonsymmetric layup ͑i.e., bending mode activation where the upper and lower layers are oppositely polarized͒ resulted in much lower sound pressures than the extension mode.
For example, two prototypes were constructed with two layers of 28 m PVdF, a width of 68 mm and an arc length of 96 mm. The only difference between the two prototypes was the material layup. With the extensional lay-up there was an average 28 dB increase in sound levels compared to the bending lay-up, throughout the frequency range from 100 Hz to 2000 Hz. This can be explained by the fact that the piezoelectric force (F W ) is larger in the case of a symmetric layup ͑proportional to bh, where h is the layer thickness͒ versus the unsymmetric layup ͑where F W is proportional to bh 2 ) ͓9͔.
Parametric Studies
To gain insights into the mechanisms that govern the behavior of these active diaphragms, geometric sensitivity studies were performed using the experimentally validated numerical models and considering only the backbone of the predicted performance. Variations of the four primary geometric parameters-thickness, radius, width, and subtended angle-were studied in terms of their effect on acoustic sound levels generated. Thickness Simulations. In the first parameter study, the overall active diaphragm thickness was varied while maintaining a constant electric field, chosen to be the maximum operating field for PVdF ͑30 V/m͒. This simulates either increasing the thickness of the piezoelectric material or adding additional layers of piezoelectric material. In these thickness simulations, the midplane radius was held constant at 45 mm and the width was 20 mm. Figure 7͑a͒ shows the numeric acoustic response for thicknesses of 0.75 mm, 1.00 mm and 1.33 mm with the mode number noted by each peak. Throughout the entire frequency range, the FEM/BEM predictions show that there is no change in the sound pressure level of the backbone as the thickness is increased.
The reason for the thickness independence of the backbone is seen through an analysis of the two-dimensional model. At these frequencies, the acoustic response is dominated by the zerothmode, which is dominated by the particular solution of the problem, Eq. ͑3͒. This is depicted clearly in Fig. 7͑b͒ , where the analytical total acoustic responses are compared. For further insight, Fig. 8 gives the two-dimensional analytical prediction for the acoustic field for the 1.0 mm thickness arch plotted to higher frequencies ͑10 kHz͒. In Fig. 8 , the total solution is compared to that radiated from particular solution component alone. Both solutions peak near 6000 Hz, the ring resonance frequency while the backbone of the response is seen to come from particular solution. The form of the particular solution Eq. ͑3͒ reveals the dependence on the ring frequency in the denominator. Therefore, Eq. ͑3͒ represents a simple and powerful formula for the initial design of an acoustic arch diaphragm. Other modes, whose radiation efficiency at these values of kR are low ͓24͔, contribute less to the acoustic field except for the very narrow frequency region around the modal resonance of the structure.
Radius Simulations. In the second parameter study, the radius was varied from 30 mm to 60 mm while the width was held constant at 20 mm and the thickness at 1 mm with the maximum electric field applied. This effectively increases the radiated surface area and decreases the stiffness of the transducer, thereby lowering the ring resonance closer to the frequency band of interest ͑9244 Hz at 30 mm to 4622 Hz at 60 mm͒. Figure 9 shows that increasing the radii in this manner increase the acoustic output significantly; thus, identifying the importance of radius on the radiated sound. However, caution must be exercised with this parameter. For example, using a semicircular design ( s ϭ90 deg) quickly becomes unrealistic for applications where a small surface area is needed-e.g., for a ring resonance of 1000 Hz a PVdF membrane of 280 mm is needed. Further, the results in this section are all for radiated sound below the ring resonance; the relation- ship between radius and pressure above ring resonance varies and will be discussed in the section on subtended angle variations.
Width Simulations. The third parameter study varied the width of the active diaphragm from 20 mm to 200 mm. For these simulations, the mid-plane radius was held constant at 60 mm and the thickness was held constant at 1 mm with an electric field of 30 V/m. The displacement of the mid-surface was kept constant as the width was changed. In this way, the effect of the threedimensional geometry on the acoustic filed is explored. By changing the width, the surface area of the vibrating diaphragm increases and the sound pressure levels were expected to increase. From simulations ͑not shown here͒, the sound level at 1 m on the centerline is increased by 30 dB when the width is increased from 20 mm to 100 mm and by 10 to 12 dB as the width is doubled from 100 mm to 200 mm. If the acoustic pressure were completely controlled by volume velocity, each width doubling ͑or equivalently, area doubling͒ would result in a 6 dB increase in the centerline sound pressure level. The fact that such a doubling does not occur is likely attributable to edge effects, with fluid motion on the backside of the shell canceling that on the front face. Such a hypothesis is consistent with the greater rate of increase in amplitude with width when increasing from 20 mm to 100 mm compared to the rate from changing from 100 mm to 200 mm. The effects of edge cancellation are minimized as the width increases. In addition, the low frequency roll-off of the acoustic pressure in all experiments and numerical simulations ͑see, Fig. 6͒ is greater than 18 dB per octave indicating dipole-like efficiency ͑or worse͒ ͓23͔. A speaker enclosure or a horn, as would be used in any practical implementation of such a speaker, will minimize these effects.
Note that changing the arclength while keeping the radius of curvature constant ͑which would also change the area of the device͒ will have an effect similar to changing the width on the backbone of the acoustic radiation. The ring resonance frequency depends only on the radius of curvature ͑therefore it is unchanged͒. However, perturbations about the particular solution ͑see Fig. 8͒ will be arclength dependent ͑while increasing the width will not change the arclength dependent resonances͒.
Subtended Angle Simulations. In the fourth parameter study, the surface area of the vibrating diaphragm is held constant while the subtended angle was varied from flat (ϭ0 deg) to semicircular (ϭ90 deg) and beyond where a full cylinder would be at an angle of 180 deg. Figure 10 depicts the dramatic increase in sound pressure with variations in the subtended angle for a 28 micron single layer PVdF prototype with an arc length of 100 mm, a width of 20 mm. It is important to note that there is an optimal angle at which the sound level peaks. For this prototype, the acoustic response for the diaphragm configured at 15 deg is higher than that of the other configurations in the frequency range above 750 Hz. This is shown more clearly in Figure 10͑b͒ that plots the acoustic response of the same diaphragm at 1250 Hz with respect to angle. There exists an optimal subtended angle occurring, for this prototype, near 15 deg. The 15 deg configuration represents a 37 dB increase over a flat plate configuration and a 30 dB increase over the 90 deg configuration. Also note that as the subtended angle is increased from 90 deg, the sound pressure level steadily drops, thus, angles from 135 deg to 180 deg were not further investigated. In Fig. 11 analytic predictions for the 5 deg and 15 deg cases are shown. The peak response is seen to occur at the ring resonance and the overall response is governed by the particular solution.
Discussion of Results. From this parametric study, two important design considerations should be noted: first, higher radii of curvature are needed to achieve a low frequency design. As can be seen in Fig. 11 for the analytic results and Fig. 10͑a͒ for the corresponding numerical results, the larger radius of curvature, a 5 deg subtended angle configuration, possesses a ring resonance around 500 Hz while the 15 deg subtended angle configuration has a ring resonance around 1500 Hz. Therefore, the larger radius of curvature design is more effective at the lower frequencies. However, there is a design tradeoff, because a larger radius of curvature arch will have a lower overall maximum acoustic response and a lower high frequency asymptote ͑see Figs. 10͑a͒ and 11͒.
The two dimensional simulations give only trends. They do not replicate the low frequency roll-off or the apparently constant, high frequency asymptote predicted by the combined FEM/BEM results. The two-dimensional analytic model does provide information about the in-plane directivity of the source, especially with respect to the effect of higher modes. Experimentally and numerically it was found that these sources were relatively omnidirectional ͑with roughly a 5dB variation͒ over the frequency ranges investigated. This is consistent with the two-dimensional prediction that the particular solution dominates the radiated acoustic response. However, because of the bounding rigid surface corresponding to the subtended angle ͑a surface introduced for mathematical convenience only͒, and the two dimensional nature of the solution, this solution does not provide the correct frequency scaling compared to the numerical simulations. The nu- merical simulations on the other hand are somewhat time consuming in terms of building the mesh and performing the simulations and thus, not as desirable for simple design work.
The particular solution dominates the behavior of this device. The particular solution takes the form of a spatially uniform vibrating surface. Hence, an attractive alternative model, useful for initial design work, is a simple source ͑or even a piston in a baffle͒. For such a source, the on axis ͑i.e., ϭ s ) pressure field can be approximated as ͓23͔
This equation predicts a monopole-like 12 dB per octave at low frequency roll-off and a flat response at high frequencies. The flat high frequency response matches three-dimensional FEM/BEM results ͑see 5 deg and 15 deg prototypes in Fig. 10͑a͒͒ . However, the 12 dB per octave low frequency roll-off is not as fast as seen in the experiments or the numerical simulations. Since the physical situation at low frequencies ͑modeled by the numerics͒ is a dipole ͑front and back face of the arch providing the positive and negative volume velocities͒, at least an 18 dB per octave roll off is anticipated ͓22͔. A horn or enclosure would decrease this roll-off and enhance radiation. Equation ͑11͒ provides a concise approximate formula for the on-axis acoustic pressure in terms of the geometry and material constants of the arch with which to design the PVdF active diaphragms.
Subtended Angle Experimental Study
Through the simulations performed, it was demonstrated that with proper selection of the geometric parameters it is possible to significantly increase the sound generation capability of this simple acoustic diaphragm. The most dramatic increase in the acoustic sound level output came with variations of the subtended angle with respect to its constraints, yielding acoustic intensities increases of 20 dB and more predicted as the subtended angle was varied from traditional configurations, such as 90 deg ͑semi-circular͒ and 0 deg ͑straight͒, to the more optimal angle in the range of 10 deg to 30 deg. The actual optimal subtended angle location was found be defined by ring resonances and accordingly dependent on geometry and operating frequency.
Using the experimental procedures described earlier, a number of prototypes ͑widths 68 mm to 164 mm and lengths 68 mm to 96 mm each with four 28 micron layers͒ were tested by holding the area of the vibrating surface constant and changing the angle of the constraints from zero to 45 degrees. This resulted in a change in the subtended angle with the effective mid-plane radius increasing as the subtended angle is reduced. Figure 12͑a͒ shows the frequency response results for a fourlayer prototype at angles of 10 deg, 30 deg and 45 deg and Fig.  12͑b͒ shows the sound pressure levels with respect to the subtended angles at the specific frequencies of 1100 and 1920 Hz. The experiments yield an optimal angle in the region near 20 deg for this prototype. It was difficult to determine the exact optimum due to the fact that discrete angles were measured experimentally and there was a large increase in the sound pressure near the optimal angle. For example, at 1920 Hz, the sound pressure output changed from 96 dB at 45°to 107 dB at 20 deg, an increase of 11 dB with 200 volts applied. For the 10 deg case, the ring resonance was calculated ͑Eq. 4͒ to be 1890 Hz while Fig. 12͑a͒ identifies a value closer to 1550 Hz. The ring resonance for the 30 deg and 45 deg configurations are 5670 and 8500 Hz, respectively, which could not be confirmed experimentally because measurements were only made up to 2000 Hz. Due to inaccuracies in the experimental setup and other effects such as damping and noise, it is difficult to exactly pinpoint the experimental resonance. Thus, for the 10°case this is considered a reasonable correlation. It was observed during these experiments that the optimal subtended angle obeys the simple ring resonance scaling. Figure 13 shows the sound pressure levels measured at 1100 Hz for two different configurations. The first prototype ͑configuration 1͒ is that which was tested in Fig. 13 ͑length of 68 mm and width of 96 mm͒. While the second prototype ͑configuration 2͒ has the same vibrating surface area but measures 96 mm in length and by 68 mm in width ͑i.e., opposite sides fixed͒. The optimal angles for the prototypes should scale as the lengths ͑around 1.4͒ and the optimal angles are about 25 deg for the second configuration to roughly 17 deg for the first configuration, closely matching the scaling law. Hence, once the effective stiffness and mass density of a composite layer are known, the optimal radius of curvature can be found in a robust fashion.
While conducting these experiments, nonlinear effects due to high voltages were observed in all the prototypes. This can be seen in Fig. 14 . To determine the linearity of the acoustic response, the voltage was experimentally varied from 4 volts to 100 volts. At the low voltages, the acoustic response was not measurable in the far field so near field acoustic measurements were taken at 10 cm from the transducer. Figure 14 shows the acoustic frequency response measured in the near field for the same prototype driven at various voltages. This plot shows an apparent systematic increase in the sound levels with increasing voltage as compared to the 4-volt baseline run. The straight lines indicate a theoretical extrapolation of the expected linear increase in sound levels with increased power, while the jagged line is the measured response.
At low voltages in the near field, Fig. 14 shows that the device behaves relatively linearly. At the higher frequencies ͑Ͼ1500 Hz͒, this response begins to drop off at voltages as low as 50 volts indicating nonlinear behavior in the device. This nonlinearity manifested itself by an audible buzzing that occurred while the device was swept through the frequency, particularly at high voltages. As the angle was made shallower, thus decreasing the structural stiffness of the transducer, the instability increased and buzzing was more prominent. This phenomenon was found in prototypes tested at high voltages.
Conclusion
This paper investigated the effect of the design parameters on the acoustic performance of a curved polymeric piezoelectric active diaphragm for frequencies less than 2000 Hz. There is a need for this type of simple, inexpensive, lightweight device in many active sound generation and noise cancellation applications, which require high acoustic sound intensities at low frequencies. Both analytical and numerical models were developed to predict the structural and acoustic behavior and served as a basis for sensitivity studies which included thickness, radius, width, material lay-up and subtended angle. Experimental studies correlated well with the numeric and analytic models as well as the simulations, identifying similar performance trends with variations in the geometric parameters.
From this study, it can be concluded that the primary design factor for efficient acoustic radiation is the ring resonance frequency. By using shallow ͑or large radius of curvature͒ arches, effective low frequency acoustic excitation can be achieved at a cost however, in reduced high frequency response. It was found that the extensional piezoelectric excitation gives rise to the most efficient acoustic mode possible-the breathing mode. Acoustic output, as high as 113 dB in the far field, was experimentally generated demonstrating the usefulness of this technology as an alternative to passive diaphragms driven by voice coils. 
